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Abstract

The exhaust gas of heavy duty diesel engines can provide an important heat source that
may be used in a number of ways to provide additional power and improve overall
engine efficiency. The sizing of a heat exchanger that can manage the heat load and still
be of reasonable size and weight without excessive pressure drop is of significant
importance especially for truck applications. This is the subject of the present work. To
approach the problem, a total of five different configurations are investigated and a
comparison of conventional and state of the art heat transfer enhancement technologies
is included. Two groups of configurations are examined: a) a classical shell and tube
heat exchanger using staggered cross flow tube bundles with smooth circular tubes,
finned tubes and tubes with dimpled surfaces, and b) a cross flow plate heat exchanger,
initially with finned surfaces on the exhaust gas side and then with 10 ppi and 40 ppi
metal foam material substituting for the fins. Calculations were performed, using
established heat exchanger design methodologies and recently published data from the
literature to size the aforementioned configurations. The solutions provided reduce the
overall heat exchanger size, with the plate and fin type consisting of plain fins
presenting the minimum pressure drop (up to 98% reduction compared to the other
configurations), and the 40 ppi metal foam being the most compact in terms of size and
weight. Durability of the solutions is another issue which will be examined in a future
investigation. However, coupling of the exhaust heat exchanger after a particulate trap
appears to be the most promising solution to avoid clogging from soot accumulation.
Keywords: Heat exchanger, Exhaust gas, Diesel engine, Truck, Heat transfer
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NOMENCLATURE

A, area [m?]

b, height [m]

Chp, specific heat [J/kgK]

DHex, WHex, LHex,  streamwise, spanwise (cylinder axis or plate width) directions

and height of heat exchanger [m]

d, diameter [m]

F, correction factor

f, friction factor

h, heat transfer coefficient [W/m?2K]
I, length [m]

m, fluid flow rate [kg/s]
N, number (of tubes, baffles etc)
Nu Nusselt number

n, efficiency

P, pitch [m]

Pr, Prandtl number

Q, volumetric flow rate [m?/s]
Re, Reynolds number

Rt, fouling resistance [m?K/W]

R,  thermal resistance [m?K/W]

St, Stanton number

T, temperature [°C]

t, thickness [m]

u, specific volume [m3/kg]
u, velocity [m/s]

V, volume [m?]

W,  pumping power [W]

Greek symbols
a, cubic unit cell size [m]

B, total heat transfer area/volume between plates [m%/m?]



AP, pressure drop [Pa]

n, increment coefficient for dimpled tubes
A, thermal conductivity [W/mK]

s, air viscosity at the tube wall temperature [kg/ms]
v, kinematic viscosity [m?/s]

P, density [kg/m®]

o, viscosity correction factor

Subscripts

b, baffles

c, cold-fluid side of heat exchanger

ch, convective boiling

col, columns

cross,  cross flow

cyl, cylinder of the metal foam cubic unit cell
d, dimple

dt, dimpled tube

eq, equivalent

f, fin

fr, frontal

free,  free flow

ft, finned tube

HEX, heat exchanger

h, hot-fluid side of heat exchanger

heat, heat transfer area

hyd, hydraulic

i, inner

MF, metal foam

m, mean conditions

min, minimum

nb, nucleate boiling

outer



P, plates
pf, plain fins
p-f, plate and fin

row,  rows
S, shell side

st, smooth tube
s-t, shell and tube

TP, two phase

t, tube side
tb, tube bank
tot, total

W, wall

1, inlet

2, outlet
Acronyms

bsfc  brake specific fuel consumption= (fuel consumption rate)/(power), [gr/%v]



1. Introduction

Despite recent improvements of diesel engine efficiency, a considerable amount of
energy is still expelled to the ambient from the exhaust gas. This, depending on engine
operating conditions, is in the order of 30-40% of fuel consumption. For this reason,
considerable improvement of diesel engine bsfc can be achieved through the utilization
of exhaust gas energy and a number of technical solutions and possibilities have been
proposed and are currently under investigation by research institutes and engine
manufacturers. In the case of heavy duty diesel engines suitable for truck applications,
one of the most promising technical solutions for exhaust gas waste heat utilization
appears to be the use of a “Bottoming Rankine Cycle”.

A systematic approach towards using an installation based on the Rankine Cycle in
truck applications dates back to the early 70’s where a research program funded by the
US Department of Energy (DOE) was conducted by Mack Trucks and Thermo Electron
Corporation [1], [2], [3]. Under this program, an Organic Rankine Cycle System
(ORCS) was installed on a Mack Truck diesel engine and the lab test results revealed an
improvement of bsfc of 10-12%, which was verified by highway tests. During the
following years similar research programs were performed by other research institutes
and vehicle manufacturers. Recently, the solution of Rankine Cycle systems has
increased its potential competitiveness in the market even more [4], [5]. This is a result
of technical advancements in a series of critical components for the operation of such an
installation (heat exchanger, condenser, expander) but also stems from the highly
increased fuel prices. Nowadays, the installation of a Rankine Cycle is not only
considered as a feasible solution for efficiency improvement in heavy duty diesel
engines for trucks [6], [7] but also for smaller applications such as passenger cars [8].

With the exception of turbo-compounding, most existing solutions for the partial
recovery of exhaust heat utilize a heat exchanger to extract energy from the exhaust gas.
A heat exchanger used in such an application has to be able to provide an adequate
surface area in order to handle the thermal duty while meeting the specifications of a
small-size and lightweight arrangement. Still, the incurred pressure drop has to be of
reasonable magnitude to avoid excessive pumping power losses that will have a

negative impact on net engine efficiency.



Heat transfer enhancement can be achieved either by increasing the volume specific
heat transfer area of the heat exchanger or by increasing the heat transfer coefficient of
the exhaust gas flow. Several approaches to the problem can be found in the literature.
The surface of a plain circular tube can be increased using fins [9], [10] and since it is
well known that the heat transfer coefficient on the gas side is much lower than on the
liquid side, the finned heat transfer surfaces are usually used on the gas side to increase
the heat transfer area. Several types of fins are used to enhance heat exchange, such as
plain circular fins, slotted fins, punched and bent triangular projections, segmented fins,
etc. One of the earliest and yet highly effective techniques is the use of tube surface
roughness. Much of the early work focused on ‘naturally’ occurring roughness in
commercial tubes. However, as pointed out by Bergles [11], because such natural
roughness is not well defined, artificial or structured roughness is now commonly
employed in most applications. Structured roughness can be integral to the surface, or
the protuberances can be introduced in the form of wire-coil-type inserts. Sherrow et al.
[12] presented experimental results regarding the effects of adding either deep or
shallow spherical-indentation dimples to the exterior surfaces of tubes in a four row
staggered tube bundle under cross-flow. They found that the deep dimples produced
significant heat transfer augmentations (compared to tubes with smooth exterior
surfaces) for tubes located in the tube row which was farthest upstream. The shallow
dimples produced significant heat transfer augmentations on the tubes which were
located in the first, third and fourth rows of the tube bundle. Bouris et al. [13] proposed
the usage of tubes of non-circular cross section. They compared, numerically and
experimentally, a typical industrial in-line tube bundle arrangement with an elliptic and
drop-shaped arrangement in terms of thermal and hydraulic characteristics as well as
particle deposition rates. The research showed that the drop-shaped tube bundle design
that they proposed not only attained higher heat transfer levels but also resulted in much
lower deposition rate and lower pressure drop. Daloglu and Unal [14] proposed the
upstream positioning of an obstacle of a circular or square cross-section with the same
or different diameter as the tube in order to alter the heat transfer from the tube. They
concluded that at high Reynolds numbers the heat transfer from the test cylinder behind
an obstacle becomes considerably higher than that of a single cylinder. Boomsma et al.

[15] used open-cell metal foams from aluminum alloy which were compressed and



fashioned into compact heat exchangers and then placed into a forced convection
arrangement using water as a coolant. These were compared to commercially available
heat exchangers on the basis of required pumping power versus thermal resistance. The
compressed aluminum foams performed well, not only in heat transfer enhancement,
but also in terms of efficiency over the commercially available heat exchangers
operating under nearly identical conditions. The metal foam heat exchangers decreased
the thermal resistance by nearly half when compared to conventional heat exchangers
designed for the same application.

The purpose of the present work is a comparative approach to the exhaust gas heat
exchanger design problem. Although the ultimate application is that the heat exchanger
be a part of a Rankine Cycle, the present study is not concerned with details of the cycle
and focuses on the usage of different heat exchanger configurations and different types
of heat transfer surfaces. Implementing well established methodologies as well as
recently published technological advances, a numerical algorithm is developed to
perform preliminary sizing calculations and compare five different heat exchanger
arrangements. Comparisons are performed in terms of the provided heat transfer area,
the volume and weight of the arrangement as well as the induced pressure drop and the
energy required during operation of the system. The arrangements studied are a shell
and tube type heat exchanger consisting of either smooth, dimpled or finned circular
tubes, and a plate and fin type, where plain fins or metal foam are used as a means of
heat transfer area extension. The final results are given in form of tables and diagrams.
For the comparison of the various heat exchanger solutions as far as weight and
pressure drop are concerned, a qualitative approach is adopted due to the parametric

nature of the present investigation.

2. Problem Definition and Data

The heat exchanger design problem requires input data regarding diesel engine
exhaust gas conditions and Rankine Cycle working medium conditions, which is taken
from other parallel studies [16] - [19]. The engine considered in the present work is a
six-cylinder heavy-duty turbocharged truck engine. It has a bore of 125 mm, a stroke of

140 mm and a compression ratio of 16.5:1. The engine is equipped with a common-rail



fuel injection system allowing the variation of both injection pressure and injection
advance. In the present investigation, injection pressure was maintained at the standard
level and the maximum power of the diesel engine is 362 kW at 1700rpm. A schematic
layout of the proposed Rankine Cycle installation with water as working media is
provided in Figure 1. The heat exchanger is employed after the engine turbocharger to
produce steam, which is expanded in the next stage to produce energy in an electric
generator. One important characteristic of the present installation is that it utilizes heat
from the EGR (Exhaust Gas Recirculation) stream which is otherwise wasted during
cooling. This is accomplished by leading the steam produced in the heat exchanger
through the EGR cooler, which is used essentially for superheating.

The theoretical aspects of the present installation have been investigated using
detailed simulation models both for diesel engine [16], [17] and Rankine Cycle
operation [18]. Due to the complexity of the application, the full scope cannot be
covered here but a brief description follows and available details can be found in the
above mentioned references. One of the most important findings of the simulation was
that when introducing the Rankine Cycle with water as working medium, the potential
efficiency gain was estimated in the range of 6-10% (for 100% engine load), depending
on the environmental conditions. To accomplish this task with water as working
medium, the results of the previous investigation revealed that due to the low mass flow
rate values, in combination with the high pressure operation of the cycle, a reciprocating
expander is the only possible solution for delivering the additional power. Due to the
introduction of the Rankine cycle, an additional radiator is necessary to reject the excess
heat to the environment. Results from the detailed simulation revealed that it is
beneficial for the second radiator to be installed behind the diesel engine main radiator
(just in front of the engine) and not vice-versa. The aforementioned utilization of EGR
heat is beneficial towards the reduction of the excess heat rejection to the ambience.
This minimizes the negative impact on overall efficiency because the additional power
required to drive the cooling fan is kept to a minimum. For the feeder pump a positive
displacement type was found to be the most feasible solution. Concerning the working
media, which for the present application is water, it has been revealed from detailed
investigations using organic media for the Rankine Cycle (i.e. methanol, R245ca, C6F6

etc) that it does not have a significant effect on the overall heat exchanger sizing and



efficiency. The previous devices, together with other supplementary components, were
calculated and sized in detail for the specific diesel engine and Rankine cycle
installation. From these results, the ones corresponding to the calculation and sizing of
the heat exchanger (as one of the most critical components) will be presented in the
present study.

To account for the potential benefit from the use of an exhaust gas recuperation
system, a wide set of engine operating conditions was considered in the investigation,
which almost entirely covered the engine operating map. This set of operating
conditions is presented in Table 1. From the data presented in this table, it is observed
that the highest rate of heat load on the heat exchanger corresponds to the engine
operating point of 100% load and 1300 rpm engine speed. For this reason the heat
exchanger geometry calculations were performed with data and parameter values
corresponding to this engine operating condition. The maximum flow velocities and
temperature differences are taken from typical truck engine operating conditions [19]
and the final set of data is given in Table 2. The values of parameters which appear in
Table 2 are considered to remain constant for all configurations during calculations.

Assuming that the recovered heat will be delivered to the closed Rankine cycle, the
heat exchanger is separated into three different functional areas: a) preheater, b)
evaporator, c¢) superheater. Calculations are carried out separately for each heat
exchanger component and the final results are derived from the sum of all three values.
Regarding weight calculation, unless otherwise stated, the material for all parts of the
shell&tube heat exchangers is steel (psteei=8000 kg/m?), while the shell thickness for all

configurations is 2 mm.
3. Numerical Procedure
A numerical algorithm is developed to perform the sizing calculations:
e The Bell — Delaware method is implemented for sizing shell&tube heat
exchangers [9],

e Schmidt’s method is used to calculate tube fin efficiency [9],

e Dimpled tube air-side heat transfer coefficient has been taken from [12],



e Plate&fin sizing is based on Kays and London [20],

e A metal foam filled plate heat exchanger was sized based on data adapted from
Lu et al. [21], Klein et al. [22] and ERG corporation [23],

e The evaporation heat transfer coefficient in tubes of the shell&tube exchangers
is calculated according to Shah’s method [24],

e The Logarithmic Mean Temperature Difference method LMTD is used to
calculate heat output [9],

e The pumping power required to operate each system of heat exchangers is

calculated as the product of pressure drop and volume flow rate.

Using methods defined in the literature [20] - [25], the overall pressure drop and weight
are estimated. For economy of space and since most of the design methodologies are
well established, only application-specific modifications will be presented in detail,
providing the reader with appropriate and adequate references for the rest. As already
mentioned, due to the comparative nature of the approach, results are provided on a

relative basis for both parameters.

3.1. Shell and Tube Heat Exchanger
3.1.1. Plain Circular Tubes

The first case examined is that of a shell and tube heat exchanger consisting of
smooth circular tubes. Figure 2 shows the heat exchanger under consideration where,
for clarity, only a few tubes have been drawn in their (30°) triangular arrangement in the
shell with Py being the distance between the tube rows and P the distance between
the tube columns. The working media considered herein is water or steam which flows
inside the tubes and exhaust gas flows around them. However, even though the use of
this system is problematic when using a turbine expander, due to the low volumetric
flow rate, the results are valid even if an organic medium is used. This is verified from
simple calculations already conducted revealing that heat exchanger area does not differ
considerably when organic medium is used instead of water.

For the sizing process, a number of parameters like the shell diameter, the tube

diameter, the tube distance etc. have to be defined. The problem is open-ended i.e. any

10



combination of shell and tube diameter and length that provides the required heat output
Is a solution. Here, a maximum outer shell diameter of 0.49 m has been considered a
reasonable limit for the present application. Also, a staggered arrangement tube bundle
with tube diameter d=16 mm has been maintained. Based on this data, an iterative
process between the Bell-Delaware method and Eg. (1) - (3) is adopted until
convergence for the heat transfer coefficient and the heat transfer area is achieved. An
initial geometry is chosen for the exchanger (height, depth, tube length, tube pitch,
number of tubes, etc.) in order to calculate the heat transfer coefficient of the preheater
and superheater from Eq. (3) (the evaporator is subject to a different methodology,
described below). This value of (h) is then set in Eq. (1) and if the required heat output
is not met, modifications of geometry are made and the process is repeated until the
values of Table 3 are attained. Eg. (1), (2) and (3) define the heat output (Q), the
logarithmic mean temperature difference (LMTD) and the total heat transfer coefficient

(hiot,st) respectively:

Q= htot,st : Aheat,tot ‘F-LMTD 1)

(Th,z _Tc,l) - (Th,l _Tc,z)

LMTD = @)
In Th,2 _Tc,l
Th,l _Tc,2
1
htot,st - 1 t Zdt . 1 dt . (3)
R+ R +—)-—
hs Y }\‘w dt,o +dt,i ' ht dt,i

The correction factor (F) appearing in Eg. (1) is available in chart form in [26] while Eq.
(3) is taken from Kuppan [9]. The shell side heat transfer coefficient (hs) takes into
account the leakage effects, according to the Bell-Delaware method [9]. For
applications such as the present, it is extremely difficult to find accurate data for the
fouling resistances (Rr) appearing in Eg. (3), but indicative values have been assumed in
order to partially account for the fouling effects [24]: Res=1.761-10° m2K/W for all

areas in contact with the exhaust gas, Rr=1.76-10* m2K/W for the preheater tube side
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and 8.8:10° m?K/W for the evaporator and superheater tube side. It should be kept in
mind however that no effort has been made to differentiate fouling behaviour among the
heat exchanger configurations being investigated and so the above mentioned values
will be used throughout. Finally, it may be noted that these values may be an optimistic
assumption but they should be judged taking into account that the heat exchanger is
placed after a soot trap (Figure 1), whose efficiencies are commonly over 90% and
even 99% in some cases, without significant dependence on particle size ([27], [28])

In most cases, it is the gas side heat transfer coefficient that mainly affects the total
value in Eqg. (3), even though the present application imposes laminar flow conditions
inside the tubes. In the present configuration as well as those following, heat transfer
from both hot and cold streams is included in the calculations. For laminar single phase
flow (Re=360-1000), the tube side heat transfer coefficient, h;, is given by the
correlation ([10]):

_ 1.86(Re,-Pr.-d,; / |t)% P,
‘ Bl i)
d

t,i

h ¢ = (u/pum)®H 4)

In the evaporator, two-phase flow in the tubes must be taken into account in the
overall heat transfer coefficient calculation. Thus, the widely used method of Shah [24]
is adopted, in which convective and nucleate boiling contributions are calculated

separately and then combined:

htep = heo + hnp (5)

Analytical description of Shah’s method can be found in Kakac and Liu ([24]).
Calculations are performed for at least 10 mixture qualities between 0 -1 (pure liquid —
pure vapor) and the final htp results from averaging the heat transfer coefficients for
each mixture quality.

Pressure drop of shell&tube heat exchangers consisting of plain circular tubes is
given by Kakac and Liu ([24]):
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f-(m/A )(Nb+1).ds

zps 'deq "¢

APst,st = , f=exp(0.576-0.19InRes), ¢ = (us/pm)*** (6)

where (f) is the friction coefficient for the shell and (o) is the viscosity correction factor.
The friction coefficient accounts for the entrance and exit losses, while the Reynolds

number on the shell side, Res, is provided by

ms
( A ) deq
Res = cross

Hs

(")

where the thermo physical properties are evaluated at the average fluid temperature in
the shell. The equivalent diameter on the shell side (deq) depends on the pitch layout.

Fora triangular pitch-layout (as used here),

‘]-((Incol)2 3 _ ndt,oz
deq =

) o)

* nd, , (8)
) Nt

2

ntd

t,0

A common means to measure the heat convection effectiveness is the thermal resistance
(Rw). Lower thermal resistance facilitates the heat flow through the heat exchanger. The

common definition for (Rw) in a heat convection arrangement is:

R TW _Th,l
h =
t m, 'Cp,h '(Th,z _Th,l)

©)

The numerator is the tube wall-gas temperature difference and the denominator is the
heat load. Taking into account that these remain constant in the present study, all types
of heat exchangers considered will have the same thermal resistance. Comparison will

thus focus on size, weight and the energy required to operate the system, i.e. pumping

power. The required pumping power (W ) is calculated according to
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W=aAP.Q,, O =Tn (10)

Pn

with (Qh ) indicating the volumetric flow rate of the hot-side fluid (exhaust gas) passing

through the heat exchanger.
Finally, the total volume of the shell&tube heat exchanger consisting of smooth

circular tubes is

— (11)

3.1.2. Finned Circular Tubes

The case of circular tubes with external, circumferential fins is also examined. Based
on the configurations provided by [20], the following fin dimensions are chosen: fin
height (b=6.044-10 m), fin thickness (t=2.5395-10“ m) and fin spacing (P+=2.9178
-10"3 m). Figure 3 shows a tube bundle of finned circular tubes and the cross section of a
finned tube. For comparison purposes, shell and tube diameter are considered the same
as in the previous case. To calculate the heat transfer coefficient of the finned tubes,
Schmidt’s method [9] is adopted, according to which the total heat transfer coefficient

from the finned tubes is:

(12)

1
1 R 2-A,

t, 1) A,
+ . +| R +—
ho-n, ng A, m(d,+d,;) Yh, ned,,

S S S

The shell side heat transfer coefficient (hs) is calculated from Kays and London [20], in
the same way as in the case of the plain tubes and assumes that all effects included in
the Bell Delaware method (leakage ratios etc) affect the shell side heat transfer

coefficient (hs), but not the surface efficiency (ns). Eq. (4) is applied for the tube side
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heat transfer coefficient

2300 < Re <10000 ([10])

in single phase flow with

%
0.116(Re, *~125) -Pr/s ¢ {H[dltj Lt
h =

t dt

Re <2300 while for

(13)

For the evaporator, Shah’s method (Eg. 5) is applied. The surface efficiency on the shell

side of the heat exchanger (ns) is given by

ns:].—

A
/1, .(1_nf)

fi/l,

(14)

where the fin surface per unit of tube length (Asi ) and the finned tube surface per unit

of tube length (Asur) are:

de, ¥ (g ) dey .o |
Af/lt _(ZR'L( f2t j _(%] J‘*‘zn' f2t 'tf)'Etf

d,, d,, d, )| I
A, —2n%|t+2~{n-( t2 +bf)2—n[ é j }Etf

Also, the fin efficiency is

_ tanh(m-I")
(m-1)
with
. (dy, dg, d
| =(L_Lj 1+ g 1+0,35-In -2 |,
2 2 o[ 9ro _dui fi
2 2

(15)
(16)

2-h,
it (17)
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Pressure drop calculations are carried out for circular finned tubes type “CF-8.7-
5/8J”, for the preheater, evaporator and superheater, based on [9]:

. 2
A
A )
AP o :4f . ds free,min
’ dhyd 2ps

(18)

[

The friction factor (f) is taken from diagrams given by Kays and London [20] and
includes entrance and exit effects. The required pumping power is calculated from Eq.
(10) and the total volume of the arrangement is given from Eq. (11).

3.1.3. Dimpled Circular Tubes

Rough tubes have also been examined as a means of heat transfer augmentation
while, for comparison purposes, shell and tube diameter are considered the same as in
the previous cases. Roughness is accomplished by locating either shallow or deep
dimples on the exterior tube surface, as shown in Figure 4. Sherrow et al. [12] also
suggest a relation between Reynolds number on the shell side and Nu/Nuo — where Nuo

is the shell side Nusselt number referring to smooth tubes. Considering that

Nu = h (% then for constant tube diameter (dt) and air thermal conductivity (As), one

can calculate the heat transfer ratio (hsvdth j from the Nusselt number ratio
s,st

[NUS%U j Preserving Reynolds number similarity, the total heat transfer
s,st

coefficient for the dimpled tubes can be derived, including the dimple effects on the

shell-side

1

s-tdt —

’ R 2-d d

1 + fs + tw . t,0 + R“-I— 1 t,0
(hs,st)n T] 7\‘w dt,o +dt,i ’ ht

h

(19)
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where the increment coefficient, 1, takes the values shown in Table 4. Eq. (4) is applied
for the tube side heat transfer coefficient in single phase flow while for the evaporator,
Shah’s method (Eq. 5) is applied. Exact relations could not be found for the pressure
drop in case of the dimpled tubes but according to Chudnovsky and Kozlov [25] tubes
with exterior surface dimples cause shell side pressure drop that varies between -20% to
+10% from the corresponding pressure drop that plain circular tubes induce. This range
is used for comparison with the other configurations and is an additional reason for
providing pressure drop results as normalized values. Finally, the pumping power is

given by Eq. (10) while the total volume arises again from Eq. (11).

3.2 Plate and Fin Heat Exchanger
3.2.1. Plain Fins

The second group of heat exchangers examined in the present work is the plate and
fin type. A plate&fin heat exchanger is shown in Figure 5. As in the case of the
shell&tube type, virtually any combination of height, width and depth is possible. Here,
a constant cross section of 0.63x0.63 m? has been chosen for the exhaust side. For the
present calculations triangular fins are used, having the characteristics (for both the hot
and cold side) shown in Table 5, as described by Kays and London [20]. These fins
have been used in order to suit the geometry and the arrangement first chosen.

The total heat transfer coefficient hp.fpr Of this type of heat exchanger is calculated as
[20]:

1 1 _|_Rf*h A 1 Rf*c.i+t_p.i (20)
~C.n.-h nc Ac }‘p A
Ah

The heat transfer coefficient on each side in Eg. (20) is given by,

h=St-

.C (21)

free
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where St, m, Asee and Cp are calculated accordingly for the hot and cold fluid. The

Stanton number, St, is taken from diagrams corresponding to the basic characteristics of

2/3

the surface [20] and provided in the form of St-Pr

dhyd .(m/Afree) . .
(Re=—=————2). For the evaporator, and since correlations for two-phase heat
1)

, as a function of Reynolds number

transfer coefficients for water are not readily available, both Shah’s method (Eq. 5) and
several of the correlations examined in [29] were applied, showing a maximum
difference of 20%. For simplicity, and acknowledging the limitations concerning plate
instead of tubular geometry, Shah’s method was applied for the calculation of the water

side boiling heat transfer coefficient. Also,

c-A , 0=a

free core

R P @

Pp’h + vac + 2tp

where o is the ratio of the free-flow area to the frontal area. The total heat transfer area

on each side is
Aneat = @ VHEX (23)

and the total volume of the heat exchanger is V.. =(W-D-l),. The surface

efficiency (n) is calculated for both the cold and hot sides:

=12

-(1-n¢) (24)

heat, tot

The fin efficiency (nf) for cold and hot sides is given by Eq. (16), where (I") is replaced

by P% . Pressure drop of plate&fin heat exchangers is given by Kays and London [20]:

AP @/—':”‘m)uh{(lmz)(h—l}fii} (25)

p—f,pf
hl Ah,free Uh,l
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In Eq. (25), entrance and exit loss effects are accounted for in the friction factor (f)
which is provided by [20] in terms of Reynolds number. Moreover, (Um) is calculated

from

Um = (Unat+ Un2)/2 (26)

Mass calculations are performed using steel as the fin material. Eq. (10) gives the

pumping power, as in the previous cases.

3.2.2. Metal Foam

The use of open-celled metal foams is a new trend in applications where packaging
is important i.e. truck applications (small dimensions and low weight). These
advantages of metal foam are examined herein. The multi-layer compact plate-and-fin
type heat exchanger of Figure 6 is considered, where exhaust gas and cold water flow
alternately in cross-flow. For every other passage of thickness dW, where exhaust gas
flows between two thin plates, an open-celled nickel foam core replaces the fins that
would appear in a standard plate-and-fin heat exchanger (grey area). Figure 7a shows
one of the passages filled with metal foam.

For the heat exchanger design, it is highly desirable to have data over a wide range of
operating conditions. This is not readily available for metal foam and so the present
model has adopted the equation form of Lu et al. [21], who considered that the open-
celled foam is made up of uniform distributed, equal-sized cubic cells. The actual cell
shape is more complex [30] but the cubic unit cell has been chosen for its simplicity and
the analytical expression to limit the complexity of calculating forced convective flow
across an open-celled foam. Such an assumption may lead to an overestimation of the
actual level of heat transfer but nevertheless, according to Lu et al. [21], the trends of
heat transfer predicted by the model are expected to be valid for a wide range of open-
cell foams and correction for this overestimation will be applied subsequently. The
simple cubic unit cell shown in Figure 7b is assumed to consist of three mutually

perpendicular equivalent cylinders each having diameter d and length a. The cylinders
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making up the cell edges are assumed to be each parallel to the X, y or z coordinate. Lu
et al. [21] mention a 4-fold overestimation for the total heat transfer coefficient, and so

their analytical solution has been modified accordingly:

Y2
Eprherf T

MF — o }\,MF Vh ( o Joﬁ
B |
dcyl

Parameter (dcy1) is given by [21] as a function of cell size (o) and relative foam density,
defined as the ratio of foam density and the density of the solid. It is noted that Eq. (27)
is expressed per unit interface (plate) area and so, the total heat transfer coefficient

hp-t,mr OF this type of heat exchanger is:

, R _ t ,
1 — i + Rf,h . Alnterface + A 1 + fc, Alnterface + _b. Alnterface (28)
hp—f,MF hMF AMF c .n_-h nc Ac }\’p Ap

A c c

interface

As far as the fouling resistance on the hot side of this heat exchanger is concerned, it has
to be pointed out that calculations are made using the values already mentioned, as there
are no available published data for metal foams.

Calculations are carried out using two types of metal foam: a) 10 ppi, with relative
foam density 0.09 and cell size o = 2 mm, which give cylinder diameter dcy1 = 0.39 mm
and b) 40 ppi, with the same relative foam density and cell size oo = 0.5 mm, which lead
to deyi = 0.09 mm. The heat output is calculated from Eq. (1), where the heat transfer
area used refers to the plate/foam-metal interface area (Ainterface):

A = Dpex - Luex '(Np -1 (29)

interface

The exhaust gas velocity is calculated from

My =p, -U, - A (30)

Cross

20



where

L-dW-d dw?.d L-dw-d_,? N -1
Across =|L-dW- 2 = + 2 . :|( p j (31)
a a a 2

Eqg. (27) [21] is in general agreement with the data calculated by computational fluid
dynamics simulation in [30] for the 40 ppi foam but it underestimates the heat transfer
coefficient by ~ 25% if the exhaust gas side is filled with a 10 ppi foam. Therefore some
“fine tuning” of Eq. (27) is performed for the 10 ppi foam by introducing a multiplier of
1.25. The two phase heat transfer coefficient was dealt with in the same way as in the
plate&fin heat exchanger.

For the pressure drop calculation of plate heat exchangers using metal foam to fill
the space between plates on the exhaust gas side, Eq. (25) is used [20]. The friction
factor (f) in the aforementioned equation is calculated from pressure drop data of ERG
Corporation [23] for 10 ppi and 40 ppi metal foam. In order to calculate the free flow

A

area (Anfree) ON the exhaust gas side, values of the ratio ° “free calculated by

frontal

Kopanidis et al. [30] were used and found very close to the value of the porosity of the
material.

As far as the mass calculation is concerned, the metal foam material was nickel, with
a density of 8906 kg/m®. Commonly used aluminum metal foam was not considered as
an option due to the high exhaust gas temperatures utilized in the current application.
The shell and plate thickness, as for all previous configurations, is 2 mm. The required
pumping power is given from Eqg. (10) and the total volume of the plate&fin type heat

exchanger with metal foam isV ., =(D-W-1) ey -

4. Results

The results of all calculations conducted are presented in Table 6 (a,b) and Figure 8-
Figure 11. In Figure 8 the total volume, relative mass and relative pressure drop for each
of the heat exchangers are shown with respect to the shell and tube heat exchanger

consisting of smooth circular tubes (considered as the standard solution with mass mo
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and pressure drop APo). The heat exchangers are ranked on the x-axis from left to right,
according to their mass. One can easily discern that the most common shell and tube
type configuration, consisting of smooth circular tubes, is the heaviest solution while it
results in the greatest pressure drop (except for a potentially higher pressure drop caused
by the dimpled tubes). When roughness is introduced by means of dimples on the
exterior tube surface, the overall mass and weight as well as the pressure drop of the
configuration are reduced, but further reduction of the mass and pressure drop can be
achieved by introducing fins on the tubes’ external surface. The finned tubes reduce the
overall weight and pressure drop by ~51% and ~45% respectively, but the total volume
is slightly increased by 8% since a larger spacing is required between the tubes, to
accommodate for the fins.

If the standard plate and fin type heat exchanger is compared with the shell and
tube heat exchanger with finned tubes, there is a significant (~66.5%) advantage in
terms of volume, but the mass is increased by 20.6%. Moreover, there is a remarkable
reduction in pressure drop. This may be attributed to the fact that, for the plate type heat
exchangers with fins or metal foam, an effort was made to keep the frontal area constant
at ~0.6x0.6 m and vary only the depth, leading to very shallow heat exchanger
configurations between 2.5 and 10.3 cm (Table 6). When the fins are replaced by 10 ppi
metal foam on the exhaust gas side, there is a 30.4% reduction in mass while the total
volume increases by ~6.7%. Pressure drop increases significantly, but this is still the
next best configuration. Replacing the 10 ppi foam with a 40 ppi foam, leads to a 96%
increase in the pressure drop but the mass and volume are further reduced (35% and
42% respectively). In fact, the 40 ppi foam plate heat exchanger is the most compact
arrangement having less than 30% of the volume of the initial shell and tube
configuration with plain tubes.

With regard to pressure drop it should be mentioned that the equations that have
been employed address tube bundle and plate-fin pressure drop, including bundle or
finned channel entrance and exit effects but no other pressure drops that may arise from
header losses, leakages, flow passage through bends etc.

The different heat exchanger types in the present work are being compared for the
same heat output, which permits direct conclusions to be drawn concerning their

compactness. This is extremely important when the heat exchanger is to be installed on
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a mobile application such as a truck. As a consequence, both its geometric dimensions
and weight are equally important because they strongly affect the net truck freight load
and its fuel consumption. However, it should be mentioned that the final fuel
consumption also depends strongly on the pressure drop induced by the heat exchanger
and thus this should be carefully considered. Figure 9 and Figure 10 show the relative
pumping power as a function of relative mass and the heat output per unit volume,
respectively. In Figure 9 (where W, refers to the pumping power needed in the shell and
tube heat exchanger with smooth circular tubes) the best design in terms of pumping
power is the one that lies closer to the origin of the axes. In this case, it is the 40 ppi
plate and fin (foam) heat exchanger that consumes 68% less power to drive the exhaust
gas past the device, compared to the shell and tube heat exchanger with smooth tubes,
and weighs 73% less. This configuration also provides the highest heat output per unit
volume at four fold the value of the shell and tube heat exchanger with plain tubes
(Figure 10) and, with a total volume of ~45 It, it is a potential under-the-hood design.
The standard plate and fin design still operates with the least pumping power but its
overall volume is almost 1.7 times that of the 40 ppi foam (44.8 It). The main advantage
of the 40 ppi metal foam stems from the increased heat transfer area achieved by the
foam (165.08 m?, as shown in Table 6b). There is a large area to volume ratio and
therefore reduced size, accompanied by a 42%-68% reduction in the pressure drop and
pumping power as well, compared to the shell and tube configurations. For comparison,
the heat transfer coefficient and the friction factor are plotted in Figure 11 for each of
the heat exchanger configurations studied. It is noted that the heat transfer coefficients
are expressed per unit total heat transfer area (and not interface area as presented in
Table 6), in order to provide a common basis for comparison. It is interesting to note
that in terms of heat transfer and pressure drop coefficients, the metal foam heat
exchangers seem to be at a disadvantage but in fact, due to their high area/volume ratio,
they result in the most compact and lightweight solutions. Some scattering of the heat
transfer coefficient values in the shell&tube designs, notably low values for the
superheater, is due to the low heat transfer values resulting from the change to gas phase
(steam) on the tube side. This is not pronounced for the finned tubes where the tube side
area is a small percentage of the total (finned) heat transfer area and therefore the

reduction has a negligible effect on the overall heat transfer coefficient. The tube side
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effect is also less apparent in the plate&fin designs for another reason: the crossflow
design permits a reduction in frontal area on the steam side (see D dimension in Figure
5 and Table 6b) leading to higher Reynolds numbers and a consequential increase in
heat transfer, which partially compensates for the reduction due to the phase change.
The assumed constant tube diameter in the shell&tube designs does not allow for such
compensation.

The above mentioned values must be considered in a comparative sense and within
the scope of the uncertainty in the data and the available calculation methodologies.
Indicatively, Bell and Mueller [31] state that although the Bell-Delaware method is
considered to be the best in the open literature, it has been shown to predict shell-side
heat transfer coefficients within 50% to 100% of measured values. On the other hand, in
the present work, sensitivity of the calculated volume of the shell and tube heat
exchangers to values chosen for necessary data such as the baffle hole clearances was
found negligible as long as TEMA recommendations are adhered to [9]. For finned
tubes, Schmidt’s method gives a fin efficiency value within 1% of the exact value [9]
while for dimpled tubes, the uncertainty in the Nusselt number ratio is +12.6% [12]. For
the metal foam data values, cross-checking with published experimental values gave
uncertainties in heat transfer coefficients below 30%.

5. Conclusions

The present work deals with the sizing of a diesel engine exhaust gas heat exchanger
for truck applications. For this reason the exchanger must not only be able to extract
considerable amounts of heat from the engine exhaust but must also have acceptable
dimensions and weight. For this reason it is necessary to minimize the volume and
weight of the arrangement, while at the same time maintaining the heat transfer from the
gas side at a maximum.

To approach the problem, a comparative design study with conventional and state of
the art heat transfer enhancements was conducted. Two different heat exchanger
configurations with different types of heat transfer surfaces have been examined
regarding their weight, volume, induced pressure drop and their effect on the vehicle

(freight weight etc.). The shell and tube configuration was examined first consisting
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initially of smooth, and then finned and dimpled circular tubes in order to increase the
heat transfer area. The plate and fin was the second configuration studied, where plain
fins or metal foam (10 ppi and 40 ppi) were examined as a means of heat transfer.

To account for the most severe condition calculations were based on the
consideration that the heat exchanger operates under conditions corresponding to the
maximum exhaust thermal load (100% load, 1300 rpm). The heat exchanger was
separated into three different functional areas: a) preheater, b) evaporator, c)
superheater. Calculations were carried out for each one of the areas separately and the
results came from the addition of the three values.

A numerical algorithm based on established heat exchanger design methodologies
and recently published data from the literature was developed. Aiming at achieving a
pre-defined value for the heat output produced by each part of the heat exchangers and
following an iterative process, the heat transfer coefficient and the heat transfer area
were calculated along with an analytical specification of the parameters necessary to
define the heat exchanger arrangement. Results indicate that the lowest pressure drop is
achieved by the standard plate and fin arrangement but if size and weight are also taken
into account then substituting the fins with metal foam leads to a 38% reduction in
volume and a twofold reduction in weight for the 40 ppi foam. Unfortunately, this
results in an increase of pumping power (pressure drop) compared to the finned plates
but still lower than all the shell and tube designs. Therefore it appears that there is a
possibility to develop a heat exchanger that can satisfy both energy and volume
constraints being suitable for truck applications. The standard shell&tube solutions
examined herein can provide a basis for the development of more advanced heat
exchangers suitable for truck applications.

Finally, the fact that future diesel engines are to be equipped with particulate traps
makes the use of a heat exchanger more attractive because indications exist that heat

exchanger fouling may not be so severe.
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Figure Captions

Figure 1. Schematic view of the proposed layout of Rankine cycle installation. Working
media: steam.

Figure 2. Heat exchanger with smooth circular tubes.

Figure 3. a) Tube bundles of finned circular tubes. (b) Schematic diagram of a finned
tube.

Figure 4. Schematic diagrams showing (a) cross section of a dimpled tube. (b) details of
a dimple geometry for shallow dimples. (c) details of a dimple geometry for deep
dimples (dimensions are in millimeters).

Figure 5. Plate-and-fin heat exchanger.

Figure 6. Plate and fin heat exchanger with metal foam.

Figure 7. Open-celled foam under forced convection: (a) notations, (b) cubic unit cell
[21].

Figure 8. Relative Pressure Drop (right axis and data labels), Volume (left axis) and
Relative Mass (x-axis titles) of the heat exchanger configurations that were studied.
Dimpled tube pressure drop range is also shown.

Figure 9. Relative pumping power in terms of relative mass for each of the heat
exchanger configurations studied.

Figure 10. Heating power transferred per unit volume for each of the heat exchanger
configurations considered.

Figure 11. Total heat transfer coefficient (right axis) and friction factor (logarithmic left

axis) for each of the heat exchanger configurations studied.

Table Captions

Table 1 Matrix of diesel engine operating conditions examined in the investigation [19].
Table 2 Typical diesel exhaust gas HEX data used for calculations [19].

Table 3 Parameters used for the Shell and Tube HEX calculations.

Table 4 Increment coefficient of heat transfer, used for dimpled tubes [12].

Table 5 Fin characteristics for the plate and fin heat exchanger consisting of plain fins
[20].

Table 6a Calculation results for the shell and tube types of heat exchangers.

Table 6b Calculation results for the plate and fin types of heat exchangers.
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Table 1 Matrix of diesel engine operating conditions examined in the investigation [19].

Exhaust Gas

Load Speed Heat Transfer at Exh. Gas
(%) (rpm) Temfoec;a\tu e Exchanger (kW)  Flowrate (kg/s)
100 1300 503.5 136.44 0.490

75 1300 459.3 91.30 0.395
50 1300 394.2 55.45 0.306
25 1300 363.1 33.93 0.205
100 1700 483.7 128.37 0.512
75 1700 423.3 89.26 0.441
50 1700 353.6 60.18 0.368
25 1700 334.5 36.67 0.246
100 2100 435.2 92.27 0.439
75 2100 3824 71.32 0.410
50 2100 317.6 51.62 0.352
25 2100 291.0 34.19 0.269

Table 2 Typical diesel exhaust gas HEX data used for calculations [19].

Preheater Evaporator Superheater

Heat rate (kW) 3141 85.27 19.76
Water-steam flow (kg/s) 0.048 0.048 0.048
Exhaust gas flow (kg/s) 0.49 0.49 0.49
Water-steam press. (bar) 33 33 33
Exhaust gas press. (bar) 1 1 1
Thi 318.02 469.2 503.5
Exhaust gas temp. (°C)
Tho 261.2 318.02 469.2
Tea 90.56 239.2 239.2
Water-steam temp. (°C)
Tee 239.2 239.2 394.2




Table 3 Parameters used for the Shell and Tube HEX calculations.

Preheater Evaporator Superheater

Baffle cut (%) 20 20 20
Number of baffles, Nb (m) 2 2 2
Int. tube diameter, dti (mm) 12 12 12
Ext. tube diameter, dto (mm) 16 16 16

Table 4 Increment coefficient of heat transfer, used for dimpled tubes [12].

n
Preheater Evaporator Superheater
Shallow dimples 1.35 1.43 1.35
Deep dimples 1.25 14 1.4

Table 5 Fin characteristics for the plate and fin heat exchanger consisting of plain fins
[20].

Fin pitch (fins/m) 404
Plate spacing, Pp = Pp,nh = Pp,c (M) 0.01382
Fin metal thickness, tr = tf,nh = tr,c (M) 0.000254
Total heat transfer area/volume between 951 1
plates, B = Bn = pc (M?/m?) '
Fin area/total area, 0.863

As/Aneat = (Af/Aheat)h = (Af/Aheat)c




Table 6a Calculation results for the shell and tube types of heat exchangers.

Preheater Evaporator Superheater
Q (kW) 31.41 85.27 19.76
dto(mm) 16 16 16
Shell&Tube, Nt 342 342 342
smooth tubes L (m) 0.215 0.42 0.43
Tube passes 4 2 2
Prow (M) 0.019 0.019 0.019
Shell dia = 0.49 m Peol (M) 0.022 0.022 0.022
Viot = 0.2 m? Aneat (M?) 3.68 7.18 7.38
h (W/m2K) 79.48 84.15 16.72
V (md) 0.0405 0.079 0.081
dto(mm) 16 16 16
Shell&Tube, Nt 99 110 81
finned tubes L (m) 0.24 0.73 0.18
Tube passes 4 2 2
Shell dia=0.49 m Prow (M) 0.03428 0.03428 0.03428
Viot = 0.217 m? Peol (M) 0.03958 0.03958 0.03958
Ap/Apo = 0.553 Aneat (M?) 8.16 27.57 5
WIW, = 0.59 h (W/m2K) 32.64 21.96 27.7
m/mo = 0.49 V (md) 0.045 0.138 0.0339
Shell&Tube, dto(mm) 16 16 16
shallow dimpled Nt 342 342 342
tubes L (m) 0.19 0.33 0.415
Tube passes 4 2 2
Shell dia=0.49 m Prow (M) 0.019 0.019 0.019
Vior = 0.176 m® Peol (M) 0.022 0.022 0.022
Ap/Apo=0.8-1.1  Apear (m2) 3.25 5.66 7.08
WIW,=0.8-1.1  h (W/m2K) 90.1 106.7 17.43
m/mo = 0.88 V (m?3) 0.0358 0.0622 0.078
dto(mm) 16 16 16
Shell&Tube, deep Nt 342 342 342
dimpled tubes L (m) 0.195 0.335 0.415
Tube passes 4 2 2
Shell dia=0.49 m Prow (M) 0.019 0.019 0.019
Vit = 0.178 m® Peol (M) 0.022 0.022 0.022
Ap/Apo=0.8-1.1  Apear (m2) 3.35 5.74 7.09
W/W,=0.8-1.1  h (W/mK) 87.42 105.27 17.4
m/mo = 0.89 V (m?3) 0.0368 0.063 0.078
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Table 6b Calculation results for the plate and fin types of heat exchangers.

Preheater Evaporator Superheater
Q (kW) 31.41 85.27 19.76
Np 46 46 46
Plate&Fin, Aneattot (m2) 20.32 37.3 9.98
plain fins Aplates (M?) 1.59 2.93 0.78
Avins (M2) 18.73 34.4 9.19
h (W/m?K) 28.79 32.45 24.88
Viot = 0.0726 m® V (m?d) 0.0218 0.04 0.0107
Ap/Apo = 0.014 L (m) 0.63 0.63 0.63
W, = 0.0136 D (m) 0.055 0.101 0.027
m/mo = 0.59 W (m) 0.63 0.63 0.63
Np 27 27 27
Plate&Fin - 2
A 0.937 1.687 0.575
metal foam, 10 plates (M)
ppi AwmF (M?) 20.91 37.65 12.83
h (W/m?K) 312.19 358.66 214.9
; V (m?3) 0.0227 0.0409 0.0139
\2‘;‘/ ;&"178_5& L (m) 0.63 0.63 0.63
WAV = 0.16 D (m) 0.0572 0.103 0.0351
m/mo = 0.41 W (m) 0.63 0.63 0.63
Np 27 27 27
Plate&Fin — 2
A 0.547 0.893 0.41
metal foam, 40 plates (M)
ppi AwnF (M?) 48.84 79.69 36.55
h (W/m?K) 535.78 680.9 309.22
5 V (m?d) 0.0133 0.0216 0.0099
\gtg/;&.()jg%;n? L (m) 0.63 0.63 0.63
WA = 0.318 D (m) 0.0334 0.0545 0.025
m/mo = 0.27 W (m) 0.63 0.63 0.63
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