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 a b s t r a c t

Internally geared screw machines (IGSMs) are a class of positive displacement compressors introduced in recent 
years. Their design involves two intermeshing rotors, denoted as the main (inner) and gate (outer), which rotate 
in the same direction on parallel but offset axes. Unlike conventional twin screw machines, which implement two 
externally geared rotors positioned side by side, IGSMs feature internal gearing, with one rotor enclosed within 
the other. While conventional twin screw compressors are widely used and extensively studied, IGSMs remain 
relatively novel. Previous research has primarily focused on their geometric feasibility and potential advantages 
using simplified performance models. This paper contributes by presenting a detailed geometrical model of an 
internally geared screw machine, enabling the calculation of geometry relevant parameters and integration with 
a well-established one-dimensional chamber model for performance prediction. The chamber model is compared 
to Computational Fluid Dynamics (CFD) for a single IGSM design operating under both oil-free and oil-injected 
conditions. Furthermore, the IGSM design is compared with a conventional twin screw configuration to provide 
a preliminary assessment of relative performance for a small-scale air compression application. The results are 
analysed, and directions for future work are outlined to support continued development and validation of this 
novel machine concept.

1.  Introduction

Positive displacement machines are a type of mechanical devices that 
compress or move fluid (either gas or liquid) by trapping a fixed volume 
of fluid in a chamber and mechanically forcing it through the system. 
This process is achieved either by reducing the chamber volume or by 
displacing the fluid through the motion of mechanical components [1].

There are various types of positive displacement machines, typically 
classified based on their working principles. One widely used class is 
the twin screw compressor, which consists of two intermeshing helical 
rotors (referred to as the main and gate rotors) enclosed within a fixed 
casing. The main rotor is typically directly driven by an external motor, 
while the gate rotor is either driven through timing gears or by rotor 
contact, depending on the application type [2].

As the rotors rotate in opposite directions on parallel but offset axes, 
a series of enclosed working chambers is formed between the rotor lobes 
and the casing walls. During operation, low-pressure gas is drawn into 
working chambers through the intake port as the volume created be-
tween the meshing rotor surfaces increases. As rotation continues, the 
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trapped volume of gas is progressively reduced due to the decreasing 
chamber volume. The compressed gas is then exposed to the discharge 
port once the chamber reaches the end of the compression process, and 
is pushed out of the machine as the volume reduces to zero.

This continuous process of gas intake, compression, and discharge 
occurs along the axial length of the rotors, providing a smooth and 
steady flow of compressed gas with high efficiency and reliability [3].

Twin screw compressor applications can be categorised into oil-free 
and oil-injected designs. In oil-free compressors, external timing gears 
are used to synchronise rotor rotation and reduce contact forces, as there 
is no oil to provide lubrication (although, in some cases, water injection 
may be used as an alternative for lubrication and cooling purposes [4]). 
Oil-free twin screw machines are commonly used in air compression ap-
plications requiring clean uncontaminated air, such as pharmaceutical 
manufacturing and food processing [5].

In contrast, oil-injected compressors introduce oil directly into the 
compression chamber through the oil injection port. By defining the po-
sition and size of the oil injection port, the amount of oil in the working 
chamber can be controlled. The oil serves multiple purposes in twin 
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Nomenclature

𝑁1 Number of lobes on main rotor
𝑁2 Number of lobes on gate rotor
𝐸 Axis distance between rotor centres
𝑟1 Main rotor pitch circle radius
𝑟2 Gate rotor pitch circle radius
𝐿 Rotor length
𝐷1 Main rotor outer diameter
𝐷2 Gate rotor outer diameter
𝜑1 Main rotor rotational angle
𝜑2 Gate rotor rotational angle
Φ Main rotor wrap angle
𝜆 Non-dimensional profile shape parameter
𝜎̄ Non-dimensional profile shape parameter
𝜃 Profile parameter
𝜔1 Main rotor rotational speed
𝑃1 Intake pressure
𝑃2 Outlet pressure

screw machines: it lubricates the rotors, seals internal clearances to re-
duce leakage, and removes heat generated during compression [6]. In 
such designs, the gate rotor is typically driven by direct contact with 
the main rotor, eliminating the need for timing gears. Oil-injected screw 
compressors are widely used in general industrial applications, such as 
automotive plants, pneumatic systems, and refrigeration [6].

Another class of positive displacement machines is the gerotor pump, 
commonly used in oil pumping applications such as lubrication systems 
and hydraulic motors [7,8]. Inspired by the internal meshing concept of 
gerotor designs, the internally geared screw machine (IGSM) was pro-
posed several years ago as a novel variant of twin screw compressors 
[9,10]. Unlike conventional twin screw machines, which consist of two 
externally geared rotors positioned side by side, IGSMs feature an inner 
(main) rotor and an outer (gate) rotor with one additional lobe, where 
the outer rotor surrounds the inner rotor and meshes internally with 
it. Furthermore, the rotors rotate in the same direction on parallel but 
offset axes.

IGSMs operate on the same fundamental working principles as con-
ventional twin screw machines, relying on the continuous intake, com-
pression, and discharge in the working chambers. However, the key 
differences is the rotor configuration, which in IGSM features internal 
rather than external meshing, and in the location of the working cham-
bers, which in IGSMs are formed between the lobes of the inner and 
outer rotors. Additionally, intake and discharge ports in IGSMs can only 
be arranged axially, in contrast to the radial port configuration possible 
in conventional designs [9].

Internally geared screw machines offer several potential advantages 
over conventional twin screw compressors, particularly in compact and 
small-scale applications. One of the potential benefits is the reduction 
of internal leakage due to the fully enclosed rotor configuration and the 
potential for tighter sealing along the internal meshing surfaces [9]. A 
further advantage is the absence of a blowhole area, since the internal 
meshing and axial porting of IGSMs allow the design to eliminate the 
need for a blowhole, thereby possibly improving efficiency [9].

To simulate and predict performance of conventional twin screw ma-
chines, various modelling approaches have been developed. These in-
clude both low-order models, such as the widely used one-dimensional 
chamber model [3], and high-order models based on Computational 
Fluid Dynamics (CFD) [11]. The chamber model offers a simplified 
but efficient means of simulating the pressure, temperature, and mass 
flow within the working chambers, incorporating empirical or analyt-
ical leakage correlations to estimate internal losses. In contrast, CFD 
provides a high-fidelity representation of the internal flow. These mod-
elling tools are well established and have been extensively validated in 

the literature, forming the basis for design optimisation, performance 
evaluation, and operational diagnostics of conventional twin screw ma-
chines [12–14].

As IGSMs represent a relatively novel type of twin screw machine, 
prior research has primarily focused on rotor profiling methods [15] and 
the geometric characterisation of these machines [16], particularly the 
influence of different rotor shapes on overall geometry. While the geo-
metric aspects have been well explored, only a limited number of studies 
have attempted to apply simplified non-validated one-dimensional per-
formance prediction models [10,17] or Computational Fluid Dynamics 
(CFD) [18] to evaluate the potential benefits of the internally geared 
configuration.

This paper contributes by introducing a detailed geometry model in 
combination with an existing one-dimensional multi-chamber model ap-
plied to internally geared screw machines. The chamber model is com-
pared against a high-fidelity CFD simulation for a representative design. 
These models are demonstrated through a dedicated case study of an 
internally geared screw machine. Furthermore, this paper presents, for 
the first time, an initial performance comparison between an IGSM and 
a conventional twin screw compressor in an oil-injected small-scale air 
compression application.

2.  Modelling of internally geared screw machine

The production of twin screw compressors is both time-consuming 
and expensive, making it essential to develop robust and accurate digital 
models that can reliably simulate machine performance prior to manu-
facturing. Such models not only enhance understanding of the overall 
geometry and internal processes but also enable effective design opti-
misation.

Therefore, this section describes the principles used to develop a ge-
ometry model to enable the calculation of the key geometrical param-
eters of internally geared screw machines. A comprehensive geometry 
model of IGSMs requires the implementation of a rotor profiling method, 
evaluation of meshing conditions, calculation of working chamber vol-
umes, leakage paths, and end port geometry.

Since IGSM design is derived from gerotor pumps, fundamental rotor 
profiling methods are based on the ones used for gerotor and progres-
sive cavity pumps, where rotor profiles are predominantly defined using 
epitrochoidal curves [19,20].

Both gerotor pumps and IGSM rotor profiles must ensure continuous 
meshing between the rotors to maintain sealing of the working cham-
bers. However, a key distinction lies in an additional geometric con-
straint specific to IGSMs, where the initial working chamber area must 
reduce to zero at the chamber formation to ensure proper sealing and 
compression behaviour.

In this paper the pin-generation rotor profiling method is adopted, 
originally introduced for gerotor mechanisms by Vecchiato et al. [20], 
and later applied to internally geared screw machines by Read et al. 
[16].

To ensure continuous rotor meshing, the Fundamental Law of Gear-
ing must be satisfied. Also known as the meshing condition, this princi-
ple states that for a pair of rotors to maintain a constant velocity ratio, 
the normal at the point of contact between their profiles must always 
intersect a fixed point on the line connecting their centres, referred to as 
the pitch point [21]. The equations of the meshing conditions between 
the rotors are detailed by Vecchiato et al. [20] and are used in this work 
to determine locations of the contact points for each rotational position 
of the rotors.

The initial implementation of the pin-generation method for inter-
nally geared screw machines was introduced by Read et al. [16], us-
ing circular pins to generate rotor profiles. While various attempts have 
since been made to use elliptical, cosine, or other arbitrary curves as pin 
shapes to generate more complex or asymmetric rotor profiles [22–24], 
an analytical solution to the meshing condition exists only for the case 

Results in Engineering 29 (2026) 108793 

2 



H. Lacevic et al.

of circular pins. When arbitrary curves are used, the meshing condition 
must be solved numerically, increasing computational complexity.

To address this, Read et al. [25] also proposed a modified approach 
that maintains the analytical solvability of the meshing condition while 
still enabling the generation of asymmetric profiles by using a combina-
tion of circular pin segments, subject to certain geometric constraints. 
Although the introduction of asymmetric rotor profiles significantly im-
proved the performance of conventional twin screw compressors, no 
clear performance benefit has yet been demonstrated for asymmetric 
designs in the context of internally geared screw machines.

Therefore, this paper focuses on symmetric rotor profiles gener-
ated using the pin-generation method with circular pins, ensuring 
analytical simplicity and satisfying the fundamental meshing condi-
tion. However, applying the same principles to asymmetric profiles is
straightforward.

2.1.  Rotor profiles

The shape of rotor profiles generated using circular pins is defined 
by two key non-dimensional parameters. The first, 𝜆 = 𝑎∕𝑟2, defines the 
relative position of the circular pin, where 𝑎 is the distance from the 
global coordinate origin to the centre of the pin, and 𝑟2 denotes the 
pitch circle radius of the outer rotor.

The second parameter, 𝜎 = 𝜌∕𝑟2, represents the ratio of the pin radius 
𝜌 to the outer rotor’s pitch circle radius. Since certain values of 𝜎 can 
lead to undercuts in the resulting rotor profile, Read [16] introduced a 
modified, normalised parameter 𝜎̄ ∈ [0, 1], where the upper limit corre-
sponds to the maximum allowable pin size 𝜎max = 𝜎lim. This reformu-
lation allows 𝜎̄ to be interpreted as a percentage of the limiting value, 
ensuring that valid and manufacturable rotor profiles are generated for 
any choice of 𝜎̄ within the unit interval.

When generating rotor profiles using the pin-generation method, in 
addition to specifying the non-dimensional shape parameters 𝜆 and 𝜎̄, it 
is also necessary to define the number of lobes on either the main (inner) 
or gate (outer) rotor, typically number of lobes on the main rotor 𝑁1, as 
number of lobes on the gate rotor 𝑁2 = 𝑁1 + 1 in many IGSM configura-
tions. Furthermore, one of the key geometric dimensions, either the axis 
distance 𝐸 or the maximum outer rotor diameter 𝐷, must be selected, 
since they are directly related through the geometric constraint given in 
Eq. (1).
𝐸
𝐷

= 1

2𝑁2

(

𝜆 − 𝜎 + 2
𝑁2

) (1)

These relationships define the geometric scaling required to ensure 
proper rotor meshing and profile construction within the IGSM frame-
work. The geometric foundation and construction principles of the pin-
generation method using circular pins are illustrated in Fig. 1. Fig. 2 
shows examples of rotor profile shapes for 𝑁1 = 5 and 𝑁2 = 6, where 
𝑁1 and 𝑁2 denote the number of lobes on the main (inner) and gate 
(outer) rotors, respectively. The influence of varying the parameters 𝜆
and 𝜎̄ on the resulting rotor geometries is also demonstrated.

2.2.  Geometry

Once the rotor profiles are generated, the overall geometry of the 
machine can be computed. The pin-generation method requires the se-
lection of non-dimensional rotor shape parameters along with either the 
axis distance or the outer rotor diameter, which fully constrains the ro-
tors in two dimensions.

To evaluate the machine geometry in three dimensions, it is first 
necessary to define the rotor length 𝐿. Additionally, since the rotors are 
helical, the wrap angle Φ must also be specified. The wrap angle can 
be defined for one of the rotors, typically the main rotor, and calcu-
lated for the other using the gearing ratio. The relationship is given 
in Eq. (2), where Φ1 and Φ2 are the wrap angles of the main and 

Fig. 1. Geometric construction and coordinate system used in the pin-
generation method for internally geared screw machines. The diagram illustrates 
the positioning of the circular pin, the pitch circles of the inner and outer rotors, 
and key geometric parameters such as 𝑎, 𝑟2, and 𝜌.

Table 1 
Representative internally geared screw machine 
configuration adopted from prior CFD analy-
sis of internally geared screw machines. Rane 
et al. [18].
 Unit  Value  Description
 (–)  6  Outer rotor lobe number (𝑁2)
 (–)  5  Inner rotor lobe number (𝑁1)
 (mm)  100  Diameter of outer rotor (𝐷2)
 (mm)  130  Length of both rotors (𝐿)
 (mm)  6.712  Axis spacing distance (𝐸)
 (–)  1.4  Profile shape parameter (𝜆)
 (–)  0.8  Profile shape parameter (𝜎̄)
 (◦)  234  Inner rotor wrap angle (Φ1)
 (–)  2  Built-in volume ratio (𝑉 𝐼)

gate rotors, respectively, and 𝑁1 and 𝑁2 are their corresponding lobe
counts.

Φ = Φ1 =
𝑁2
𝑁1

Φ2 (2)

A representative case study, summarised in Table 1 and based on the pre-
vious work by Rane et al. [18], is introduced to demonstrate the devel-
oped geometry model of the IGSM. This configuration is used through-
out the paper to illustrate the procedures for calculating the IGSM ge-
ometry.
Initial step to calculate geometry of IGSM is the identification of the 
working chamber. To identify working chambers in a given rotor posi-
tion it’s important to determine sealing lines or locations of the contact 
points in the global coordinate system. When generating rotors using 
circular pins in pin generation method, consequently the meshing con-
dition is solved where the solutions specify the locations of the contact 
points for each rotational position of the rotors.

To calculate the area of a single working chamber from its initial for-
mation to the point where it disappears, the leading and trailing contact 
points are used to define its boundaries. At any given rotor position, the 
chamber is enclosed between these two contact points and the corre-
sponding segments of the inner and outer rotor profiles.

The rotor profile coordinates are defined using the meshing condi-
tion, which relates the angular position of a point on the rotor lobe, 𝜃, to 
the current rotational position of the rotor, 𝜑. For the main and gate ro-
tors, the profiles are expressed as 𝑥𝑖(𝜃, 𝜑𝑖) and 𝑦𝑖(𝜃, 𝜑𝑖), 𝑖 ∈ [1, 2], where 
𝜃 is the profile parameter, and the rotational positions of the rotors are 
given by 𝜑1 = 𝜑 and 𝜑2 =

𝑁1
𝑁2

𝜑1, based on the lobe count ratio between 
the two rotors.

As described by Vecchiato et al. [20], the meshing condition includes 
the rotor rotational position 𝜑 as an input, and solving it gives the cor-
responding values of 𝜃 that determine the contact points between the 
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Fig. 2. Examples of rotor profile shapes for 𝑁1 = 5 and 𝑁2 = 6, showing the effect of varying the non-dimensional parameters 𝜆 and 𝜎̄. These parameters influence 
the shape and size of the working chambers, as well as the sealing characteristics of the rotor pair.

Fig. 3. Tracking of the leading and trailing contact points for a single working chamber over one rotation cycle of the main rotor. The tracked working chamber is 
illustrated for four selected angles, showing the chamber formation, growth, and closure.

rotors. These angular values identify which points on the rotor profiles 
are in contact for a given rotor position.

For each rotor rotational position 𝜑, the meshing condition is solved 
to obtain the corresponding angular positions 𝜃 of the contact points on 
the main and gate rotors. Using these values, the contact point coordi-
nates 𝑥𝑖(𝜃), 𝑦𝑖(𝜃) are computed in the local, non-rotated frame of each 
rotor. To obtain the positions of the contact points in the actual physical 
configuration, these coordinates are then rotated about the respective 
rotor origins by the current rotor angles, 𝜑1 and 𝜑2.

An example of the relationship between the main rotor’s rotational 
position, 𝜑1, and the meshing condition solutions, 𝜃, for the representa-
tive case given in Table 1, is shown in Fig. 3. At the initial position, 
𝜑1 = 0, both the leading and trailing contact points coincide, result-
ing in a working chamber area of zero. Three additional positions are 
also shown, illustrating how the chamber evolves and can be tracked 
throughout the rotation.

This procedure enables the identification of working chamber 
boundaries at each rotor position, which is essential for accurate cal-
culation of IGSM geometry throughout the operating cycle.

Once the working chamber has been identified, its cross-sectional area 
must be calculated at each rotor position to understand how it evolves 
over a full rotation. This corresponds to evaluating the two-dimensional 
cross-section of the rotors at successive rotational positions. In three 
dimensions, this results in a volume bounded along the axial direction, 
where the working chamber grows from zero, reaches a maximum, and 
then returns to zero as it progresses along the machine’s length.

Various numerical approaches can be used to calculate the cham-
ber area for a given position. In this paper, an efficient method based 
on precomputed cumulative rotor areas is implemented. The total area 
enclosed by each rotor is first evaluated for a reference position (initial 
position of the rotors). Then, once the leading and trailing contact points 
are determined for any given rotor angle, the partial rotor areas bounded 
between these two points can be extracted from the cumulative data. 
To improve accuracy, a triangular correction, formed by connecting the 
contact points with the respective rotor origins, is applied to each rotor 
segment. The working chamber area is finally obtained by subtracting 
the corrected inner rotor segment area from the corresponding outer 
rotor segment area.

Results in Engineering 29 (2026) 108793 

4 



H. Lacevic et al.

Fig. 4. Evolution of the working chamber area and volume over the main rotor 
angle 𝜑1. The low-pressure and high-pressure side areas [𝐴𝑤𝑑 ]𝑙𝑝 and [𝐴𝑤𝑑 ]ℎ𝑝 are 
shown in blue and red, respectively, with the total working chamber volume 
illustrated in black. (For interpretation of the references to colour in this figure 
legend, the reader is referred to the web version of this article.)

To determine the volume of a working chamber at a given main rotor 
angle 𝜑1,𝑔 , the corresponding two-dimensional cross-sectional area must 
be integrated along the axial length of the rotor. This reflects how the 
chamber extends helically from the low-pressure to the high-pressure 
end face of the machine.

Let 𝐴wc(𝜑1, 𝑧) denote the working chamber area at rotor angle 𝜑1
and axial position 𝑧. The total chamber volume can be obtained by inte-
grating this area over the full rotor length 𝐿. However, due to the helical 
nature of the rotors, this three-dimensional integration can be reformu-
lated in terms of the angular progression of the rotor using the wrap 
angle Φ1, which defines the total angular span over which the chamber 
evolves. As shown by Read et al.  [16], the resulting expression is given 
by:

𝑉wc(𝜑1,𝑔) = ∫

𝐿

0
𝐴wc(𝜑1, 𝑧) 𝑑𝑧 = 𝐿

Φ1 ∫

𝜑1,𝑔

𝜑1,𝑖

(

[𝐴wc]lp − [𝐴wc]hp
)

𝑑𝜑1

Here, 𝜑1,𝑖 denotes the angular position where the chamber first begins 
to form, and 𝜑1,𝑔 is the current rotor angle for which the volume is 
evaluated. The terms [𝐴wc]lp and [𝐴wc]hp represent the cross-sectional 
chamber areas at the low-pressure and high-pressure end faces, respec-
tively. The scaling factor 𝐿

Φ1
 maps the angular rotation into axial dis-

placement, allowing the chamber volume to be computed based only 
on cross-sectional area data at each end face. This approach provides an 
efficient and accurate method to compute the evolving chamber volume 
as the rotors rotate, as required for performance modelling. An example 
of volume calculation for the representative case from Table 1 is shown 
in Fig. 4.

Once the full chamber volume has been calculated over the entire 
chamber evolution cycle, the swept volume 𝑉𝑠𝑤, defined as the theoret-
ical volume displaced per revolution of the main rotor, can be obtained 
using Eq. (3).
𝑉𝑠𝑤 = 𝑁1 max(𝑉wc) (3)

Due to the nature of the compression process in internally geared screw 
machine, the working chambers operate at varying pressure levels along 
the rotor length. As a result, leakage can occur through small internal 
clearances between moving and stationary components, allowing high-
pressure gas to escape into lower-pressure regions. These leakages re-
duce the overall volumetric efficiency and performance of the machine.

Leakage paths in internally geared screw machines occur along spe-
cific sealing lines that connect neighbouring working chambers operat-
ing at different pressures. As illustrated in Fig. 5, each working cham-
ber is bounded by sections of the rotor profiles, with contact lines that 
may interface either with a chamber ahead (higher pressure) or behind 
(lower pressure) along the rotor axis.

Fig. 5. Illustration of leakage paths in an internally geared screw machine 
(third-angle projection). (a) rotor rotation and chamber positions; (b) top and 
side views of chamber indexing along the axial direction. Leakage may occur 
between adjacent chambers as they translate during operation.

The sealing lines illustrated in Fig. 5 represent the primary leakage paths 
in the IGSM configuration. These include the main leakage path: from 
the outer rotor tip to the main rotor tip (red), the inner path: from the 
outer rotor tip to the inner rotor root (blue), and the outer path: from 
the outer rotor root to the inner rotor tip (green).

To calculate the leakage areas for a given chamber at a specific rotor 
position, the relevant contact points are identified in three dimensions. 
The segment length along each corresponding sealing line is then ex-
pressed as a function of the main rotor rotational position, (𝜑1), and 
the leakage area is evaluated using Eq. (4), where 𝛿𝓁 denotes the prede-
fined clearance gap size.
𝐴𝓁 = 𝛿𝓁(𝜑1) (4)

In internally geared screw machines, compression is achieved by the 
geometry of the end plates, which regulate the timing of fluid entry 
and exit through the ports [9]. Therefore, a critical step in performance 
prediction is the accurate estimation of port opening areas as a function 
of rotor rotational position. In this study, the port shapes are determined 
numerically in the polar coordinate system, using geometric boundaries 
such as rotor profiles, contact loci, and bounding circles.

To construct the inlet port shape, the rotor position at which the 
working chamber reaches its maximum volume is first identified. At 
this position, two bounding regions are defined in the polar coordinate 
system:

• The outer boundary is defined by the gate rotor tip circle, the main 
rotor root circle and contact loci (Fig. 6 (a) Polygon 𝐼).

• The inner region, defined as Polygon 𝐼𝐼 (Fig. 6 (a)), follows the seg-
ments of the rotor profiles and the contact loci bounded between the 
trailing and leading contact points.

The final inlet port shape is determined by clipping Polygon 𝐼 with Poly-
gon 𝐼𝐼 , resulting in the blue shaded region shown in Fig. 6 (a). This 
clipped polygon is then transformed from the polar coordinate system 
to the physical domain to obtain the final port shape, also illustrated in 
Fig. 6 (a).

The same geometric principles apply to the construction of the dis-
charge port. However, instead of maximum chamber volume, the rele-
vant reference point is defined by the volume index 𝑉 𝐼 , which specifies 
the relative rotational position at which the working chamber should 
begin to discharge. For the representative configuration described in Ta-
ble 1, a value of 𝑉 𝐼 = 2 is used, and the corresponding discharge port 
formation is illustrated in Fig. 6 (b). As with the inlet, two polygons are 
defined to compute the discharge port shape:

• Polygon 𝐼 (Fig. 6 (b)) is defined by the gate rotor tip circle, the main 
rotor root circle, the relevant segments of the rotor profiles, and the 
contact loci associated with the working chamber identified by the 
selected volume index.
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Fig. 6. End port formation process for the internally geared screw machine. Top plots show the key curve sections for port definition in polar coordinate system. 
Bottom views illustrate the corresponding shaded regions that define the final end port geometry for the inner (a) and outer (b) rotors. Leading and trailing contact 
points determine the angular boundaries of the port openings.

• Polygon 𝐼𝐼 (Fig. 6 (b)) is based on the contact loci.

The final discharge port shape is determined by clipping Polygon 𝐼 with 
Polygon 𝐼𝐼 , resulting in the red shaded region shown in Fig. 6 (b). The 
final discharge port shape in physical domain is also illustrated.

Port flow areas relative to the main rotor’s rotational position can be 
determined numerically by constructing a polygon for the tracked work-
ing chamber at each rotational step and calculating its intersection with 
the corresponding port shape polygon. While the resulting port geome-
tries display sharp features that may present manufacturing challenges, 
they represent theoretical maximum openings. As these features occur 
when the chamber area is small, they can likely be smoothed in prac-
tice without significantly affecting performance, however, this aspect is 
beyond the scope of the present study.

2.3.  Chamber model

Simulation tools for conventional twin screw machines are well es-
tablished and have been widely applied in past research. One such 
tool, SCORG, was developed at City, St George’s, University of Lon-
don and includes an implementation of the one-dimensional chamber 
model for performance prediction [11]. While this chamber model has 
been extensively used and validated for conventional twin screw ma-
chines [26–28], its application to internally geared screw machines 
has not been thoroughly investigated. Although the fundamental mod-
elling principles remain the same, the distinct geometric configuration 
of IGSMs requires additional analysis to ensure the reliability and accu-
racy of chamber model predictions.

The implemented chamber model solves the unsteady internal en-
ergy conservation equation, enabling the calculation of thermodynamic 
and fluid properties within the machine over multiple cycles until con-
vergence is achieved [3]. This process is governed by Eq. (5), which 
accounts for the energy gain due to gas inflow, denoted as (𝑚̇ℎ)in, and 
the energy loss resulting from gas outflow, given by (𝑚̇ℎ)out, where 𝑚̇ is 
the mass flow rate and ℎ is the specific enthalpy of the fluid. The inter-
nal energy of the gas is denoted by 𝑈 , and 𝑄̇ represents the heat transfer 
between the working fluid and the compressor surroundings. Instanta-
neous pressure within the control volume is denoted by 𝑝, while the rate 
of change of volume with respect to the rotor’s rotational position is ex-
pressed as 𝑑𝑉

𝑑𝜑1
. The angular velocity and angular position of the main 

rotor are denoted by 𝜔1 and 𝜑1, respectively.

𝜔1
𝑑𝑈
𝑑𝜑1

= (𝑚̇ℎ)𝑖𝑛 − (𝑚̇ℎ)𝑜𝑢𝑡 + 𝑄̇ − 𝜔1𝑝
𝑑𝑉
𝑑𝜑1

(5)

The mass continuity equation used in the chamber model is given by 
Eq. (6), which expresses the rate of change of mass within the control 
volume. Both the inflow mass rate, 𝑚̇in, and the outflow mass rate, 𝑚̇out
are defined using Eq. (7), where 𝑤 is the fluid velocity, 𝜌 is the instan-
taneous fluid density, and 𝐴 is the corresponding flow cross-sectional 
area. The instantaneous density 𝜌 is computed as the ratio of mass 𝑚 to 
control volume 𝑉 .
𝜔1

𝑑𝑚
𝑑𝜑1

= 𝑚̇in − 𝑚̇out (6)

𝑚̇ = 𝑤𝜌𝐴 (7)

By solving the energy and continuity equations simultaneously, the 
model yields the variation of internal energy 𝑈 (𝜑1) and mass 𝑚(𝜑1) over 
the rotor angle. Alongside the known chamber volume 𝑉 (𝜑1), this allows 
for the calculation of specific internal energy 𝑢 = 𝑈

𝑚  and specific volume 
𝑣 = 𝑉

𝑚 . Assuming an ideal gas, the corresponding temperature 𝑇  and 
pressure 𝑝 inside the working chamber can be obtained using Eq. (8), 
where 𝛾 is the adiabatic exponent and 𝑅 is the gas constant. Both 𝛾 and 
𝑅, as well as the values of 𝑢 and 𝑣, are known or determined from the 
model.

𝑇 = (𝛾 − 1) 𝑢
𝑅
, 𝑝 = 𝑅𝑇

𝑣
(8)

Clearance leakage mass flow rate, denoted by 𝑚̇𝑙, is expressed in terms 
of local variables along the leakage path using Eq. (7). Leakage paths are 
assumed to have a rectangular cross-section with sealing line length 𝐿
and clearance 𝛿. The leakage velocity 𝑤𝑙 is obtained from the differential 
momentum equation (Eq. (9)), which accounts for wall friction 𝑓 as a 
function of the local Reynolds number, Mach number and clearance gap 
geometry. In this formulation, 𝑑𝑥 denotes the differential path length 
and 𝐷𝑒 is the equivalent hydraulic diameter.

𝑤𝑙 , 𝑑𝑤𝑙 +
𝑑𝑝
𝜌

+ 𝑓
𝑤2

𝑙
2

𝑑𝑥
𝐷𝑒

= 0. (9)

Assuming an isothermal throttling process, the temperature varia-
tion of the working fluid across the leakage path is small, so the density 
may be treated as a function of pressure only. Under this assumption, 
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the governing equations can be integrated over the pressure drop be-
tween the high and low pressure sides, yielding the leakage mass flow 
rate given in Eq. (10), where 𝑝2 and 𝑝1 are the high and low side pres-
sures, 𝑎 is the speed of sound, and 𝜁 is a dimensionless flow-resistance 
parameter.

𝑚̇𝑙 = 𝐴𝑙𝜌𝑙𝑤𝑙 = 𝐴𝑙

√

√

√

√

𝛾
(

𝑝22 − 𝑝21
)

𝑎2
[

𝜁 + 2 ln
(

𝑝2∕𝑝1
)] . (10)

For machines with liquid injection, the effective clearance gap is reduced 
by the instantaneous volume ratio of gas to the gas-liquid mixture in 
the working chamber. If only gas is present, this ratio is equal to 1, 
whereas it approaches 0 when the chamber is completely filled with 
liquid. During operation, it can take any value between these two limits.

The thermodynamic process within the compressor is described in 
detail by Hanjalic and Stosic [3], and the model used in this study is 
based on their formulation. The detailed chamber model will be verified 
by comparison with computational fluid dynamics (CFD) results for a 
representative case selected from Table 1.

2.4.  Computational fluid dynamics

The main purpose of the CFD model in this study was to be able 
to verify the implementation of the IGSM geometry and thermodynam-
ics calculation algorithms. CFD modelling for design and verification is 
common in twin screw compressors and pumps and literature provides 
example where performance of the machine is validated using test data 
[4–6,11]. Recently, these modelling principles were applied by the au-
thors to firstly develop a CFD computational grid for IGSM and perform 
design calculation on an oil injected compressor for prototype study in 
[18]. The deforming rotor grid generation for IGSM is fully paramet-
ric and has been implemented in the customised grid generator SCORG 
[11]. The geometry and helical shape of the rotor was verified with CAD 
models.

Previous studies using the same CFD modelling methodology have 
shown that variations in integral quantities such as volumetric and adi-
abatic efficiency with grid density and time step size remain within 2-
10% and are therefore not significant for validation purposes [29]. In 
the present work, the quantities of interest are the cyclic integrals of 
mass flow rate and rotor torque, and the clearance gap size is prede-
fined in the deforming mesh. In addition, the time step size is directly 
determined from the deforming mesh transition in degrees per step and 
the operating rotational speed of the inner rotor, which yields a fixed 
time step for each rotational speed. For these reasons, additional grid 
and time step independence studies have not been performed.
All wall boundaries in the CFD model are treated as adiabatic. The sim-
ulations use a pressure-based coupled transient solver with 20 iterations 
per time step, and a relaxation factor of 0.5 is applied to maintain sta-
bility over the pressure cycles.

This prototype IGSM was evaluated with an oil injection located on 
the high-pressure end plate with the injection timed to begin at 30 de-
grees past the suction port closure. Main parts of the CFD model are 
the rotors (volume deforms with time during the simulation), suction, 
discharge, and oil injection ports. Additionally, the operating clearances 
were specified as 100𝜇𝑚 between the rotors, the axial clearance at suc-
tion side was set to 100𝜇𝑚 and that at the discharge end was set at 50𝜇𝑚. 
Oil injection diameter was 5𝑚𝑚 and the injection pressure was set equal 
to the discharge pressure. The description of the dry air CFD model for 
screw compressors [5] and two fluid CFD model suitable for oil injected 
compressors [6] has been used in [18] and in the current study. The 
same parameters for the ANSYS CFX solver, air and oil properties have 
been used. Mesh deformation is managed using a user defined function, 
all advection and transient schemes are set to second order accuracy. 
The SST k-Omega turbulence model is a common practise in these mod-
els and has been applied. At the Inlet and Oil injection a total pressure 
and temperature boundary condition is applied, while at the outlet a 

Table 2 
Operating conditions used for 
comparison between CFD and 
chamber model for both oil-free 
and oil-injected IGSM configura-
tions.

𝐏𝟏[bar] 𝐏𝟐[bar] 𝝎1[rpm]

 Oil-Free
 1  2  2000
 1  2  3000
 1  2  4000
 1  3  3000
 1  3  4000
 Oil-Injected
 1  2  2000
 1  2  3000
 1  2  4000
 1  3  2000
 1  3  3000
 1  3  4000

static pressure is applied. Flow of the air as well as oil is produced as 
a solution variable. Cyclically repetitive flow field is obtained after sev-
eral time steps and data from the final compression cycles is used to es-
timate the average performance parameters such as mass flow rate (this 
quantifies leakage and volumetric efficiency), indicated power, specific 
power, discharge temperature, oil flow rate, and adiabatic efficiency. 
These data are then used to verify the chamber model predictions under 
similar operating conditions.

3.  Comparison of chamber model and CFD for IGSM

Developing reliable and accurate performance prediction models for 
internally geared screw machines is a crucial step in the design process. 
While CFD tools have become widely used in the analysis of positive 
displacement machines, they are often computationally intensive and 
time-consuming. As a result, there is significant value in implementing 
a robust and efficient chamber model capable of delivering faster simu-
lations. Such models are particularly beneficial in optimisation studies, 
where a large number of simulations must be conducted to explore the 
design space and identify optimal configurations.

In this study, a one-dimensional chamber model has been integrated 
for IGSMs and its performance is evaluated. Although experimental val-
idation is the most appropriate means of verifying such a model, the 
experimental test rig for IGSMs is currently under development with 
the numerical models providing insight to guide the design of a proto-
type machine. Therefore, to assess the chamber model’s accuracy and 
to support understanding of its behaviour, a comparison is made with a 
higher-fidelity CFD model.

The CFD simulations used for this comparison are taken from pre-
vious work by Rane et al. [18], based on the representative machine 
configuration summarised in Table 1. Both models, chamber and CFD, 
are evaluated for oil-free and oil-injected conditions across a range of 
discharge pressures and rotor speeds. The cases included in this com-
parison are listed in Table 2.

Fig. 7 compares the predictions from the chamber model and CFD 
simulations for various performance parameters across a range of main 
rotor speeds and discharge pressures in oil-free operation. The corre-
sponding numerical values of the CFD and chamber model predictions 
for these oil-free cases are summarised in Tables 3 and 4, respectively.

The chamber model accurately predicts the air flow rate (Fig. 7 (a)), 
showing excellent agreement with CFD results at both 2 bar and 3 bar 
discharge pressures. Although a slight mismatch is observed at lower 
rotor speeds, the linear trend with increasing speed is well captured.
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Table 3 
CFD model results for the oil-free IGSM configuration listed in Table 1, used 
for comparison with the chamber model in Fig. 7.
𝑃2 𝜔1 𝑄  Power 𝜂𝑣 𝑇2 𝑃sp 𝜂ad
 (bar)  (rpm)  (m3/min)  (W)  (%)  (◦C)  (kW/(m3/min))  (%)
 2  2000  0.16  820  27.64  240  5.01  25.50
 2  3000  0.49  1274  55.76  158  2.57  49.70
 2  4000  0.81  1735  68.56  132  2.14  59.80
 3  3000  0.24  2265  26.72  420  9.55  22.50
 3  4000  0.62  2952  52.51  268  4.75  45.30

Table 4 
Chamber model results for the oil-free IGSM configuration listed in Table 1, 
used for comparison with the CFD results in Fig. 7.
𝑃2 𝜔1 𝑄  Power 𝜂𝑣 𝑇2 𝑃sp 𝜂ad
 (bar)  (rpm)  (m3/min)  (W)  (%)  (◦C)  (kW/(m3/min))  (%)
 2  2000  0.21  890  32.06  187  4.19  30.58
 2  3000  0.51  1349  57.45  157  2.65  48.23
 2  4000  0.81  1817  68.84  138  2.23  57.20
 3  3000  0.24  2530  27.28  470  10.46  20.56
 3  4000  0.61  3284  51.57  293  5.39  39.93

Predicted input power shows good agreement (Fig. 7 (b)), especially 
at discharge pressure of 2 bar. For 3 bar, the chamber model slightly 
over-predicts the required power compared to CFD, but the trend with 
increasing speed remains consistent.

While the chamber model shows similar trends to CFD for specific 
power (Fig. 7 (c)), a larger deviation is observed at higher discharge 
pressures. Still, the model reasonably captures the decreasing trend of 
specific power with speed.

Volumetric efficiency is slightly overestimated by the chamber 
model (Fig. 7 (d)), particularly at lower pressure ratio. However, the 
model successfully follows the increasing efficiency trend with rotor 
speed, maintaining an acceptable level of accuracy.

Fig. 8 compares the performance predictions of the chamber model 
with CFD results for oil-injected operation of the internally geared screw 
machine. The comparison includes various performance parameters for 
the evaluated cases. The corresponding numerical values of the CFD and 
chamber model predictions for these oil-injected cases are summarised 
in Tables 5 and 6, respectively.

In Fig. 8 (a), the air flow rate predicted by the chamber model shows 
decent agreement with CFD across all operating conditions. Both models 
capture the linear increase in flow rate with rotor speed. This indicates 
the chamber model’s robustness in simulating flow behaviour under oil-
injected conditions.

Fig. 8 (b) presents the power input required by the machine. The 
chamber model closely tracks the CFD results for evaluated cases. The in-
creasing trend is also captured accurately suggesting that the behaviour 
of chamber model is sufficient.

Fig. 8 (c) shows the specific power, a critical indicator of energy 
efficiency. The chamber model generally agrees with CFD trends, with 
specific power decreasing as speed increases. For lower speed, however, 
the chamber model tends to over-predict specific power.

Fig. 8 (d) illustrates the volumetric efficiency, defined as the ratio 
between simulated and theoretical volumes. The chamber model effec-
tively captures the efficiency improvement with increasing rotor speed 
and aligns well with CFD predictions at higher speeds. However, a no-
ticeable discrepancy is observed at the lowest speed, indicating reduced 
accuracy under these conditions.

Overall, the chamber model performs reliably for oil injected oper-
ation, reproducing key trends and magnitudes across performance met-
rics. Discrepancies between the CFD and chamber model are evident at 
low speeds and higher discharge pressures, which is expected given the 
complexity of flow modelling and heat transfer in oil injected machines 
that are not explicitly resolved in the chamber model, and such differ-

Table 5 
CFD model results for the oil-injected IGSM configuration listed in Table 1, used 
for comparison with the chamber model in Fig. 8.
𝑃2 𝜔1 𝑄  Power 𝜂𝑣 𝑇2 𝑃sp 𝜂ad
 (bar)  (rpm)  (m3/min)  (W)  (%)  (◦C)  (kW/(m3/min))  (%)
 2  2000  0.35  774  58.98  72.50  2.22  57.50
 2  3000  0.60  1228  67.83  81.50  2.04  62.60
 2  4000  0.86  1740  72.94  101.50  2.02  63.30
 3  2000  0.32  1278  54.14  71.60  3.99  53.80
 3  3000  0.55  1995  61.81  83.40  3.64  59.10
 3  4000  0.81  2764  68.39  94.40  3.42  62.90

Table 6 
Chamber model results for the oil-injected IGSM configuration listed in Table 1, 
used for comparison with the CFD results in Fig. 8.
𝑃2 𝜔1 𝑄  Power 𝜂𝑣 𝑇2 𝑃sp 𝜂ad
 (bar)  (rpm)  (m3/min)  (W)  (%)  (◦C)  (kW/(m3/min))  (%)
 2  2000  0.32  799  54.04  66.73  2.50  51.08
 2  3000  0.60  1246  67.82  74.04  2.07  61.63
 2  4000  0.88  1734  74.74  79.41  1.96  65.09
 3  2000  0.25  1331  43.19  77.46  5.22  41.24
 3  3000  0.53  2011  60.21  88.99  3.77  57.08
 3  4000  0.81  2723  68.72  97.37  3.35  64.16

ences have also been reported for conventional twin screw machines 
in the literature [30]. A more detailed investigation of these discrepan-
cies will be carried out once full experimental validation data becomes 
available. Nevertheless, since the primary focus of the present study is 
on higher speeds, where good agreement is observed, the use of the 
chamber model in the current analysis is considered appropriate and 
these results support its suitability for design exploration and optimisa-
tion tasks where rapid performance estimation is required.

4.  Comparison of IGSM with conventional twin screw machine

A reliable chamber model for internally geared screw machines 
enables performance prediction and supports meaningful comparisons 
with established configurations in conventional twin screw compressors. 
Among the predicted advantages of IGSMs is their potential to extend 
the lower operating range of screw compressors, offering a promising 
alternative to scroll machines in small-capacity applications.

This section presents, for the first time, a performance comparison 
between an IGSM and the well-known and validated V60 compressor, 
a representative of one of the smallest commercially available conven-
tional twin screw machine [31]. The V60 features a main rotor diameter 
of 59.7 mm and a 4∕5 rotor lobe configuration. For a fair comparison, the 
IGSM45 is designed with the same rotor configuration (4∕5), matched 
main rotor outer diameter, and equivalent displacement volume (ap-
proximately 0.150 l/rev). The IGSM45 rotor profiles are generated using 
the pin-generation method, adopting the same non-dimensional shape 
parameters 𝜆 and 𝜎̄ as in the configuration reported in previous work 
by Rane et al. [18], which was also used to compare the chamber model 
and CFD in Section 3 (see Table 1).

Both machines operate with air as the working fluid and are eval-
uated under oil-injected conditions. Oil is injected at 40◦C through a 
6 mm injection port at an angle of 60◦. Performance is assessed across 
a range of main rotor tip speeds from 20 to 40m/s and pressure ratios 
𝑃𝑑 ∈ [7, 10, 13]. The volume index is set to 𝑉𝑖 = 4 for both designs.

A summary of key geometric parameters for the IGSM45 and V60 is 
provided in Table 7, and the corresponding rotor profiles are illustrated 
in Fig. 9. From Table 7, it can be noticed that, for a matched main rotor 
outer diameter, the IGSM rotors must be longer to achieve the same 
displacement volume as the conventional twin screw machine.

To ensure a fair comparison, the clearance gaps in IGSM45 are 
matched to those of the V60. As blow-hole leakage is absent in internally 
geared screw machines, only radial and axial clearances are considered. 
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Fig. 7. Comparison between the chamber model and CFD results for the oil-free internally geared screw machine configuration specified in Table 1, evaluated for 
operating conditions defined in Table 2. The plots show: (a) air flow rate, (b) indicated power, (c) specific power, and (d) volumetric efficiency, across varying main 
rotor speeds for two pressure ratios.

Table 7 
Geometry parameters of the compared V60 
and IGSM45 compressors.
 Parameter  IGSM45  V60
𝑁1  4  4
𝑁2  5  5
𝐴  6.92 mm  42 mm
𝐷1  59.712 mm  59.695 mm
𝐷2  71.132 mm  47.308 mm
𝐿  136.32 mm  92.528 mm
Φ1  300◦  300◦
 Displacement  0.150 l/rev  0.150 l/rev
𝑉 𝐼  4  4

The V60 clearances are first tuned to reproduce the performance predic-
tions reported in the technical catalogue [31]. Subsequently, for IGSM45 
both the radial and axial clearance gaps are set equal to those of the V60 
at 15𝜇m, while the V60 interlobe clearance, which corresponds to the 
inner and outer leakage paths in the IGSM (defined in Section 2.2), is 
also matched and set to 10𝜇m.

Fig. 10 (a) presents the predicted air flow rates for both the IGSM45 
(solid lines) and compared V60 (dashed lines) machines over a range of 

main rotor speeds and discharge pressures. As expected, the flow rate 
increases linearly with rotor speed for all cases.

Fig. 10(b) compares the shaft power consumption against the flow 
rate for both IGSM45 and V60 compressors across three discharge pres-
sures. The IGSM45 curves (solid lines) consistently lie to the right 
of the V60 curves (dashed lines), indicating that at equivalent flow 
rates, IGSM45 consumes less power. This demonstrates a favourable 
performance-per-power ratio for IGSM45.

Fig. 10 (c) illustrates the variation of specific power with flow rate 
for both the IGSM45 (solid lines) and the V60 (dashed lines) across 
a range of discharge pressures. As expected, specific power decreases 
with increasing flow rate for all configurations, reflecting improved 
energy utilisation at higher flows. Notably, IGSM45 consistently ex-
hibits lower specific power than V60 across the full range of flow rates 
and pressures, indicating more effective performance in terms of en-
ergy required per unit of delivered volume. The performance advan-
tage of IGSM45 is particularly evident at low pressure ratio, where the 
gap is most pronounced. At higher pressures the difference narrows
slightly.

Fig. 10 (d) presents the variation in volumetric efficiency with re-
spect to the flow rate for both IGSM45 (solid lines) and V60 (dashed 
lines) across three discharge pressures. At lower discharge pressure 
(7 bar), IGSM45 consistently achieves higher volumetric efficiency,

Results in Engineering 29 (2026) 108793 

9 



H. Lacevic et al.

Fig. 8. Comparison between the chamber model and CFD results for the oil-injected internally geared screw machine configuration defined in Table 1, using operating 
conditions listed in Table 2. The subfigures present: (a) air flow rate, (b) indicated power, (c) specific power, and (d) volumetric efficiency across different main 
rotor speeds for two discharge pressures.

Fig. 9. Comparison of rotor profiles for the (a) conventional V60 twin screw 
compressor and (b) the internally geared screw machine IGSM45, shown in 
equivalent scale.

particularly at lower flow rates. However, at the highest discharge pres-
sure of 13 bar, V60 slightly outperforms IGSM45. Nonetheless, both ma-
chines show improved efficiency with increasing flow rate.

Fig. 10 (e) illustrates the variation in adiabatic efficiency with re-
spect to flow rate for both the IGSM45 (solid lines) and V60 (dashed 
lines) configurations across compared pressure ratios. The IGSM45 
demonstrates consistently higher adiabatic efficiency over the full op-
erating range compared to V60. As flow increases, both machines ap-
proach their peak adiabatic efficiencies, but IGSM45 maintains a more 
favourable adiabatic efficiency for all observed cases.

The comparison confirms that the internally geared screw machine, 
represented by IGSM45, consistently outperforms the conventional twin 
screw compressor (V60) at this scale. The results suggest that the in-
ternal gearing and compact design of IGSM45 enable superior thermo-
dynamic performance, likely due to reduced leakage and lower heat 
transfer losses in small-scale configurations. This observation supports 
the long-standing hypothesis that IGSM technology is particularly well-
suited for extending the lower size limit of screw compressors, po-
tentially offering a competitive alternative to scroll compressors. Al-
though IGSM shows clear advantages in the small-size range, its advan-
tages are likely to become less significant as machine size increases, 
and this trend needs to be further investigated for larger machine
configurations.
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Fig. 10. Comparison of performance between the conventional V60 and the internally geared IGSM45 compressor across three discharge pressures. Results include 
variation of flow rate (a), indicated power (b), specific power (c), volumetric efficiency (d), and adiabatic efficiency (e).

5.  Conclusions

Internally geared screw machines (IGSMs) remain a relatively novel 
type of compressor, with previous research primarily focusing on geo-
metric modelling and preliminary performance assessments. Although 
several potential advantages over conventional twin screw compressors 
have been suggested, these have not yet been thoroughly investigated. 
This paper presents a comprehensive geometrical modelling framework 
for IGSMs, detailing all necessary procedures to analyse a wide range of 
machine configurations.

To evaluate the thermodynamic performance, an existing one-
dimensional multi-chamber model was employed and verified against 
CFD results from prior studies. This verification confirms that the cham-

ber model reliably captures the performance trends observed in higher-
order models.

Using this verified framework, a comparative study was conducted 
between a conventional small-scale twin screw compressor and a ge-
ometrically equivalent IGSM design. This is the first such comparison 
performed using a chamber model, and the results clearly demonstrate 
the performance benefits of the IGSM configuration for small-scale ap-
plications. These findings support earlier hypotheses that IGSMs could 
effectively extend the lower size limit of screw compressors, offering a 
possible alternative to scroll compressors.

While the advantages of IGSMs are evident at smaller scales, it is pos-
sible that these benefits may reduce or reverse as machine size increases. 
Further research is therefore needed to investigate this behaviour across 
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a broader range of compressor sizes, both smaller and larger than those 
examined in this study.
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